To investigate the effects of the main blades and splitter blades interacting with the volute tongue on the internal flow in a low-specific-speed centrifugal pump, the Reynolds-averaged Navier-Stokes equation, coupled with SST k-! turbulence model, is employed to simulate the transient turbulent flow in the whole flow passage. The numerical simulation results have been verified with the experimental measurements by comparing the head and efficiency. The pressure fluctuation caused by impeller-volute tongue interaction, including time-history and frequency characteristics, is calculated and analyzed at five monitoring points adjoining the impeller outlet and tongue, as well as the torque of a single main blade and a single splitter blade. After that, both the energy loss and vorticity distributions on the middle section are discussed when the impeller rotates to four circumferential positions relative to the cutwater. The results show that the maximum pressures at the monitoring points occur before the blades reach the closest circumferential position with respect to the cutwater, and the peak pressure near the trailing edge of splitter blades is larger than main blades. There is only one torque peak of a single blade in one revolution when the angle between the monitoring blade and tongue is about 15 . Additionally, the torque peak arises before the torque valley, but the pressure valley at monitoring points in the impeller comes earlier than the pressure peak. Both the energy loss and vorticity are enlarged around the volute tongue evidently after the blades pass by the cutwater, and the splitter blades produce more unsteadiness and energy dissipation than main blades.
Introduction
Low-specific-speed centrifugal pumps are characterized by the low flow rate and high head relatively, and widely used in the agricultural irrigation, chemical production, etc. The increasing-capacity design method is always applied to improve the gross efficiency at the design condition. As a result, blade outlet angle is enlarged and impeller outlet diameter is reduced, which is an effective approach to decrease the disk friction loss. However, it leads to serious flow separation and reinforced jet-weak flow structure, increasing the hydraulic loss and unsteady flow to some extent. According to Yuan's research works, 1 designing splitter blades is effective in solving the three main hydraulic problems of the low-specific-speed centrifugal pumps, and they are the relatively low efficiency, drooping head-flow curve and easily overloaded brake horsepower. However, the combination of main blades and splitter blades, especially interacting with the tongue of asymmetric volute, makes the internal flow more complex than those equipped with the same blades.
Previously, researchers have conducted some studies involving the effects of splitter blades on the pump performance and unsteady flow behaviors. Go¨lcu¨et al. 2, 3 experimentally analyzed the effects of the number and length of the splitter blades on the pump performance, and also used an artificial neural network to optimize it. Yuan et al. 4 found that the number of main and splitter blades increased the instability risk of head-flow curves. Guo et al. 5 investigated the cavitation characteristics in the splitterblade inducer of a high-speed centrifugal pump by using the numerical simulations and visualization experiments. Shigemitsu et al. 6 reported that the flow condition in the impeller outlet became uniform and back flow regions were suppressed in a mini-centrifugal pump with splitter blades. Zhang et al. 7 concluded that the optimal working condition moved to a larger flow rate, and the operating range with a relatively high efficiency was extended, if splitter blades were added. At present, the optimization objective of splitter blades is generally the hydraulic performance, but some unexpected phenomena, especially produced by the interaction between the rotating blades and stationary parts, are getting more attention for improving the overall performance.
Therefore, many research works related to the interaction between the rotor and stationary parts, like the volute tongue and guide vanes, were carried out in recent years. Yuan et al. 8 presented the influence of the geometrical parameters of the splitter blades on the unsteady flow field and found that the pressure fluctuation caused by impeller-volute tongue interaction was reduced. Si et al. 9 revealed that the strong rotor-stator interaction produced main loss inside the vaneless part of the diffuser at low flow rates. Zhang et al. 10 used large eddy simulation to clarify the inherent correlation between the pressure fluctuation amplitude and vorticity distribution when the blade was passing the cutwater. Anup et al. 11 found that there were two dominating frequencies in the pump-turbine runner blades-the lower peaked because of the runner rotating speed and the upper peaked corresponding to the number of guide vanes interacting with the flow. Guillaume et al. 12 performed the fluid-structure interaction calculation to observe the modal response related to the rotor-stator interaction. It can be seen that, compared to only one blade type in a impeller, the process of two totally different blade types, main blades and splitter blades, respectively interacting with the volute tongue is definitely different and still unclear. Consequently, it is of great importance to obtain the detailed interaction process and provide guidance for improving the overall performance while designing the splitter blades.
In this study, a low-specific-speed centrifugal pump with splitter blades, which is used in the agricultural irrigation, is considered. The unsteady numerical simulation of entire flow passages at the design condition is performed. Then, a comparison between simulations and experiments is conducted to verify the numerical results. Finally, the time and frequency domains of pressure fluctuation at different positions are investigated, as well as the torque of a single blade. Also, loss coefficient and vorticity distributions on the midspan plane for each special position is analyzed in detail.
Model pump and numerical simulation Geometry parameters Figure 1 (c). The main geometrical parameters of the model pump are listed in Table 1 .
Mesh generation
The entire flow field of the low-specific-speed centrifugal pump is composed of only two domains, the rotating and stationary domains, with the help of ICEM-CFD to create the structure grids, as shown in Figure 1(a) . For reducing the number of interfaces and improving the calculation accuracy, the structure grids of stationary domain containing suction pipe, side chambers, and volute are generated as a whole, and also the closed impeller and balance holes are built together as the entire rotating domain in Figure 1(b) . Furthermore, the calculation grids are refined in the near-wall flow regions, especially in the impeller and volute. However, too many grids would impose prohibitive demands on computational resources and time, and therefore about 5.04 million is selected, which is determined by the grid independence analysis related to the head and efficiency in Figure 2 .
Numerical simulation
The Reynolds-averaged Navier-Stokes equation is solved with the shear stress transport (SST) k-! turbulence model by using ANSYS CFX 14.5. CFX codes have included the effects of surface roughness, since the surface roughness typically leads to an increase in the wall shear stress and in turn increases the disc friction loss compared with the smooth wall. As a result, the roughness of impeller surface in numerical simulations is set to be 1.6 mm, in accordance with the experimental pump, to estimate the disk friction loss, especially for a low-specific-speed centrifugal pump. The transient simulation is initialized by a steady calculation with frozen rotor strategy for obtaining stable periodic Fow results efficiently. The inlet boundary condition is set to be total pressure in the stationary frame while the outlet boundary condition is mass Fow rate. In order to capture the transient flow caused by impeller-volute tongue interaction, the interfaces between the rotating domain and stationary domain, such as the interface between the impeller and volute, are set to be ''transient rotor-stator'', because the relative position is refreshed at each time step by using this kind of interface. The time step for transient simulation is 1.15 Â 10 À4 s, corresponding to an impeller rotation of 1 . Within each time step, the iteration stops when the root mean square of residual is less than 10 À5 , and the total calculation time is 16 revolutions.
Experimental validation
It is crucial to validate the accuracy of the numerical simulation results in comparison with the experimental pump performance. The low-specific-speed centrifugal pump made from polymethyl methacrylate was tested in the open test rig, whose relative uncertainty is less than 1.0%. The surface roughness of impeller is around 1.6 mm at a much lower level than most industrial pumps, which is beneficial to reduce the disk friction loss. As shown in Figure 3 , the performance curve is measured by specialized test equipment. The static pressure at the inlet and outlet is measured by the pressure transducer with a 0.1% measurement uncertainty. The flow rate and shaft torque are measured by the electromagnetic flowmeter and torque meter, and their measurement errors are 0.3%. The rotational speed is measured by the shaft encoder with a 0.005% measurement uncertainty. The flow rate coefficient ' and head coefficient are defined, as shown in the following equations
where Q is the flow rate, n is the rotating speed of impeller, D 2 is the outer diameter of impeller, and H is the head. The performance comparison between the simulated and experimental results is shown in Figure 4 , and both the simulated Q-H and Q-curves have good agreements with experimental ones. In Figure 4 (a), it can be seen that the head deviation at the design flow rate Q d (dimensionless flow rate 0.0115) is 3.40%, the maximum deviation occurring at the overload condition is less than 5%. Also, the design condition is not the best efficiency point because the increasing-capacity design method is used in the design process, as shown in Figure 4 (b), and the best efficiency point is almost at 1.2Q d (dimensionless flow rate 0.0137), whose head and efficiency deviations are 4.12% and 3.21%, respectively. The efficiency deviation at the design condition is 4.44% and the maximum efficiency deviation is 4.95% at the off-design condition. Therefore, the numerical simulation results are reliable and can be used to perform detailed analyses.
Results and discussions

Time and frequency domain results at monitoring points
A time-dependent dimensionless pressure coefficient C P is defined to evaluate the periodic pressure as the function of time and the relative position between the blades and tongue, and another dimensionless pressure fluctuation coefficient C P * is defined which is used in the frequency analysis, as shown in the following equations
where P(x, y, z, t) represents the pressure fluctuating with time, is the density of working medium, U 2 is the impeller tip speed, and P is the average pressure during one revolution.
To analyze the transient flow, especially caused by impeller-volute tongue interaction, five monitoring points P 1 to P 5 , shown in Figure 1(c) , are set near the tongue and impeller outlet to record the pressure fluctuation. Four monitoring points, P 1 to P 4 , are located at the main blade pressure side (MBPS), main blade suction side (MBSS), splitter blade pressure side (SBPS), and splitter blade suction side (SBSS) respectively on the same radius, and their positions update at each time step of transient simulation since they are in the rotating domain. By contrast, P 5 is set around the tongue in the stationary domain and its position is fixed. Figure 5 shows the time-history results of fluctuating pressure at monitoring points P 1 to P 5 for two impeller revolutions after filtering, as well as six special time points (t 1 -t 6 ) and the relative position between the impeller and tongue at each selected moment. The filtering method means 181 data points are picked up from 361 data points in one revolution at the interval of two time steps without changing any values and the trend of data, for making the figures more clear. Pressure near the tongue demonstrates an obvious periodicity, consisting of four large peaks and four weak peaks in one revolution, and is much larger than the impeller. The large pressure peak around tongue occurs at t 1 when the tongue is opposite to the middle of WBP, and the weak peak arises at t 4 when the tongue is opposite to the middle of NBP. It illustrates that the pressure surface of main blade transfers greater energy to the fluid than the splitter blade, resulting in more powerful fluid in WBP. The jet-wake flow structure, flow separation and time interval of energy propagation are the main reasons why the pressure peak near the tongue is observed before blades come to the closest circumferential position with respect to the cutwater, as well as the pressure peak in the impeller. Additionally, it is obvious that the pressure, at the monitoring point in the impeller (P 1 to P 4 ), peaks when the monitoring point is passing through the cutwater, because the strong conversion process, from kinetic energy to pressure, is happening in the narrow gap between the monitoring point and tongue, and then the strengthened pressure transmitting back to impeller outlet results in a peak. In this investigated period, P 1 is the first monitoring point passing through the tongue at t 2 , whose peak pressure comes first consequently, and then are P 2 's at t 3 , P 3 's at t 5 , and P 4 's at t 6 . The circumferential angle between the MBPS and SBPS across NBP is 33 (shown in Figure 1(c) ), leading to a time interval (nearly 1/ 12T) between these two pressure peaks on each pressure side. For the same blade, pressure on the pressure side is larger than the suction side at each time step except that the suction surface is passing through the cutwater. The peak pressure on the SBPS is a little larger than the MBPS, mainly because the blade outlet angle on the MBPS is smaller by 2 than the SBPS, leading to the larger total pressure at P 3 , but their average pressures are similar. Meanwhile, both the maximum pressure and mean value on the SBSS is bigger than the MBSS, since lower pressure on the MBSS is caused by a larger vortex area even wrapping the trailing edge, as shown in Figure 10 . During one revolution, the value of pressure peak-valley on the SBPS is the largest, reaching 0.08, while the value on MBPS is just more than 0.07, and the values on each suction side are less than 0.06. In addition, a pressure valley emerges earlier than the pressure peak at each monitoring point in the impeller, because the area of cross section in the volute increases unreasonably from the eighth cross section (marked VIII in Figure 1(c) ) to the volute outlet, transforming from rectangle to circle sharply, resulting in a serious pressure relief. Figure 6 represents frequency domain results of five monitoring points, and the dominant frequency components is highlighted. Because the time step (2.3 Â 10 À4 s, corresponding to an impeller rotation of 2 ) and time-history results of only one revolution are used in the fast Fourier transform (FFT), the frequency domain below 2200 Hz is valid and the frequency resolution is about 24 Hz (shaft frequency, f SF ) according to the principle of Shannon sampling theorem. 13 For each monitoring point in the impeller, the dominant frequency is the integer harmonics of shaft frequency f SF . However, the dominant frequency near the cutwater is an integer multiple of main (or splitter) blade passing frequency f MBPF , basically due to the interaction between the impeller and tongue. Among the monitoring points in the impeller, the shaft frequency f SF takes an important role at P 4 , but not at other points. An eight times shaft frequency f SF is clearly observed with the highest amplitude at P 3 . For the same blade, the dominant frequency on the pressure side is two times that on the suction side; for the same side, the dominant frequency on the splitter blade two times that on the main blade. The peak corresponding to the main blade passing frequency f MBPF exhibits the highest amplitude at the position P 5 near the volute tongue, and the amplitude decreases slightly with the increasing main frequency until 12 times shaft frequency f SF .
Time and frequency domain results of blade torque
A time-dependent dimensionless torque coefficient C T is defined to evaluate the dynamic torque as the function of time for a single blade, and another dimensionless torque fluctuation coefficient C T * is defined which is used in the frequency analysis, as shown in the following equations
where T(t) is the fluctuating torque of a single blade, P d is the rated power of the experimental motor, ! d is the impeller angular velocity, and T is the average torque during one revolution. Figure 7 shows the time-history results of fluctuating torque of a single main blade and a single splitter blade during two impeller revolutions after filtering. The torque peak of the monitoring single main blade emerges just between t 1 and t 2 , while it is coming quite close to the tongue. The moment, when the torque peak of the monitoring single splitter blade occurs, corresponds to t 4 . For both of the monitoring blades, the peak value arises where the angle between the monitoring blade and tongue is about 15 . The ratios of average and peak torques between the single main blade and the single splitter blade are 3.73 and 3.15 respectively, while the ratio of their blade surface areas is only 2.48, obviously due to the inhomogeneous and transient-change pressure distribution in the flow channel, leading to inequality between the torque ratio and area ratio. Additionally, their peak-valley values are similar, reaching 0.016. The minimum torque always exhibits after the maximum one, and their time intervals are almost the same for both the main and splitter blades, which is totally different from the pressure fluctuation (the pressure valley comes earlier) at P 1 to P 4 , probably owing to the increasing negative work of the blade rear surface after the monitoring blade rotates over the eighth cross section in the volute, causing the sharp decrease of blade torque.
In Figure 8 , the torque fluctuation component of the single main blade at shaft frequency f SF is much stronger than the single splitter blade, as well as most of the higher integer harmonics of the shaft frequency f SF , except from 5 to 8 times harmonics. The peak corresponding to 3 Â f SF exhibits the highest amplitude for the single main blade, but the dominant frequency of the single splitter blade is 6 Â f SF .
Unsteady flow results on the middle section circumferential positions of arbitrary blade trailing edge with respect to the tongue (L 1 to L 4 ) are selected for analysis. L 1 and L 3 represent the circumferential positions where the blade trailing edges of the main blade and splitter blade are almost closest to the volute tongue respectively, when the pressure at P 5 is on the rise to peaks, as shown in Figure 5 . L 2 and L 4 indicate the circumferential positions where the cutwater is almost opposite to the middle of NBP and WBP respectively, when the pressures at P 5 are at peak at such positions.
To investigate the energy loss process caused by impeller-volute tongue interaction at the design flow rate, the dimensionless loss coefficient s* is applied to determine the locations where high losses occur. 14,15 s 0 describes the entropy production rate caused by turbulence dissipation and s* is defined in the following equations
where u 0 , v 0 , and w 0 represent the velocity fluctuation components, is the dynamic viscosity, and K is the degree Kelvin. Figure 9 depicts the loss distribution. In each position, the highest losses are clearly observed around the balance holes and divergent section, and the leading edge of splitter blades produce more energy dissipation than main blades, basically resulting from impact losses and flow separation. Flow separations and vortices produce large losses at the trailing edge, and the splitter blades cause more energy losses than main blades, especially closing the tongue. Overall, the losses adjoining the trailing edge start to increase after passing through the cutwater and then decrease along the main flow direction in the volute. In position L 4 , the loss area is enlarged mostly by splitter blades and even wraps the tongue, and that is also amplified a little when main blades just pass over the tongue in position L 2 , mainly because the outlet angle of splitter blades is larger than main blades, leading to a larger meridional velocity crashing the volute wall across the narrow gap between the impeller outlet and tongue. In addition, balance holes induce the largest losses, which mostly spread in the downstream NBP, and this phenomenon will be analyzed in future works. In conclusion, the impeller-volute tongue interaction has few effects on the internal losses in the impeller but huge influence on the energy dissipation in the gap and volute, particularly around the tongue.
In Figure 10 , vortical structures are visualized by using the l 2 vortex-identification method, which reveals the vortex core geometry correctly. 16, 17 It can be seen that the large vortex occurs around the balance holes, commonly because the fluid of high pressure from balance holes rushes vertically the main flow in the impeller, as well as the leading edge of blades caused by flow separations. In the downstream locations of both the main and splitter blades, the vortical magnitude is high due to the flow separation and blade wake, and the main blades produce a longer vortex area, from the trailing edges to the volute wall, than splitter blades. However, splitter blades induce a stronger vortex on the volute wall than main blades, and a low vortex area separates two high vortex areas on the trailing edge and volute wall respectively. Noticeably, these two different blades represent strong interactions with the stationary tongue, leading strengthened vortex area from the trailing edge to the tongue.
Conclusions
In this paper, the Reynolds-averaged Navier-Stokes equation coupled with SST k-! turbulence model is employed to simulate the transient turbulent flow in the whole flow field of a low-specific-speed pump, and the numerical results agree well with both the experimental Q-H and Q-curves. Six special time points (t 1 -t 6 ) and four special positions (L 1 -L 4 ) are selected to investigate the different effects of main and splitter blades interacting with the volute tongue, therefore the following conclusions can be drawn through numerical analyses.
1. The maximum pressure at the monitoring point, either in the impeller or the volute, occurs while the blade is reaching the closest circumferential position with respect to the cutwater. The peak pressure at the monitoring point of the SBPS is a little larger than the MBPS, basically for the blade outlet angle on the MBPS is smaller by 2 than the SBPS, resulting in a larger total pressure at the trailing edge of the SBPS, but their mean values are similar. The maximum pressure on the SBSS is also larger than the MBSS, as well as the average pressure, partially because of a large vortex area, even wrapping the trailing edge of the MBSS. Additionally, the dominant frequencies of monitoring points are different times harmonics of the shaft frequency, as well as the fluctuating torque of a single blade. 2. For a single blade, there is only one torque peak in one revolution, occurring before the monitoring single blade passes over the tongue, and a sharp torque valley always follows after the peak, on account of a greater negative work loading on the suction side. However, it is totally different from the trend of pressure fluctuation in the impeller where the pressure valley comes earlier than the pressure peak, mainly because the area of cross section varies unreasonably, leading to a pressure relief. 3. Both the large energy loss and vorticity arise at each trailing edge due to flow separation and blade wake, also inducing huge values on the volute wall. However, the impeller-volute tongue interaction has lesser influence on the upstream flow of impeller. In positions L 2 and L 4 , these two flow parameters are enlarged around the volute tongue evidently after the blades pass by the cutwater, and the splitter blades produce more unsteadiness than main blades.
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